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Turbocharger performance significantly aﬀects the thermodynamic properties of the working fluid at engine boundaries and hence
engine performance. Heat transfer takes place under all circumstances during turbocharger operation. This heat transfer aﬀects
the power produced by the turbine, the power consumed by the compressor, and the engine volumetric eﬃciency. Therefore, non-
adiabatic turbocharger performance can restrict the engine charging process and hence engine performance. The present research
work investigates the eﬀect of turbocharger non-adiabatic performance on the engine charging process and turbo lag. Two passen-
ger car turbochargers are experimentally and theoretically investigated. The eﬀect of turbine casing insulation is also explored. The
present investigation shows that thermal energy is transferred to the compressor under all circumstances. At high rotational speeds,
thermal energy is first transferred to the compressor and latter from the compressor to the ambient. Therefore, the compressor
appears to be “adiabatic” at high rotational speeds despite the complex heat transfer processes inside the compressor. A tangible
eﬀect of turbocharger non-adiabatic performance on the charging process is identified at turbocharger part load operation. The
turbine power is the most aﬀected operating parameter, followed by the engine volumetric eﬃciency. Insulating the turbine is
recommended for reducing the turbine size and the turbo lag.
1. Introduction
Turbocharger performance significantly aﬀects the overall
performance of turbocharged engines. Turbocharger opera-
tion involves heat transfer under all circumstances. Even if
the turbocharger casing is well insulated, heat transfer takes
place from the turbine to the lubricating oil [1–3] or from the
oil to the compressor at low rotational speeds [4]. Malobabic
et al. [5] reported that the turbocharger will operate at a con-
siderably lower speed due to non-adiabatic operation which
in turn influences the charging process. Non-adiabatic tur-
bocharger operation can also increase the turbo lag because
the time required to accelerate the turbocharger from angular
velocity ω1 to ω2 is given by
Δtacceleration = Irotor
∫ ω2
ω1
ω dω
W˙T − W˙C . (1)
Turbo lag increases if the actual non-adiabatic tur-
bocharger operation involves a decrease in the turbine power
and an increase of the compressor power. Moreover, the tur-
bo lag decreases if the turbine can produce the same power
at smaller size (smaller rotor inertia). Rakopoulos et al. [6]
reported that turbocharger lag is the most notable oﬀ-design
feature of diesel engine transient operation that significantly
diﬀerentiates the torque pattern from the respective steady-
state conditions.
It is diﬃcult to measure the non-adiabatic turbine and
compressor actual power due to heat transfer between the
turbocharger components as well as between the turbochar-
ger and the ambient. The high exhaust gas temperature, the
very high rotational speed, and the shaft motion associated
with the use of the sliding hydraulic bearing are some factors
that increase the diﬃculty of measuring the compressor
torque under non-adiabatic operating conditions. Therefore,
non-adiabatic turbocharger operation is investigated using
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Figure 1: Schematic of the small combustion chamber test rig.
either thermodynamic models or CFD simulation. Rauten-
berg and Ka¨mmer [7] modeled the non-adiabatic compres-
sor performance by decomposing the amount of thermal
energy transfer to the compressor into three portions. The
first portion takes place before the impeller, the second
portion takes place during the compression process in the
impeller, and the third portion takes place after the impeller.
Hagelstein et al. [8] simplified the model of Rautenberg and
Ka¨mmer [7] and decomposed the amount of thermal energy
transfer to the compressor into two portions only. The first
portion takes place before the compressor impeller, while the
second portion takes place after the compressor. They consi-
dered the compression process in the impeller to be adia-
batic.
Cormerais et al. [9] experimentally and analytically in-
vestigate the process of heat transfer inside the turbocharger.
Galindo et al. [10] presented an analytical study of a two-
stage turbocharging with inter- and after cooler. They consi-
dered the amount of thermal energy transfer in the turbine
side before gas expansion in the turbine. Baar and Lu¨cking
[11] presented thermodynamic analysis of the turbocharger
non-adiabatic performance by applying energy balance to
the turbocharger. Bohn et al. [12–14] performed 3D conju-
gate calculation for a passenger car turbocharger.
Eriksson et al. [15] modeled a spark ignition turbo-
charged engine with intercooler. They neglect the eﬀect of
heat transfer in the turbocharger. Serrano et al. [16] pre-
sented a model of turbocharger radial turbines by assuming
that the process undergone by the gas in the turbine is
adiabatic but irreversible.
Most of the previous publications concern with the
amount of thermal energy exchange between the turbochar-
ger components or even assume the turbocharger to be
adiabatic. These investigations are important for engine
modeling programs. The present research investigates the
probable eﬀect of actual turbocharger non-adiabatic opera-
tion on engine volumetric eﬃciency and turbo lag. It models
and estimates the actual turbine and compressor power un-
der real non-adiabatic operating conditions. It also explores
the increase in compressed air temperature due to thermal
energy transfer to the compressor and estimates its subse-
quent eﬀect on engine volumetric eﬃciency.
2. Test Rig and Measuring Technique
Experimental investigations are performed on the small
combustion chamber test rig of the University of Hanover.
Figure 1 shows a schematic of the small combustion chamber
test rig. Pressurized air from a screw compressor is supplied
to the combustion chamber. Fuel is injected into the com-
bustion chamber and combustion takes place. The exhaust
gas from the combustion chamber is supplied to the turbo-
charger turbine via insulated pipes. The supply temperature
of the exhaust gas can be controlled by adjusting the amount
of fuel injected in the combustion chamber. Motorized valves
are used in order to control the turbine and compressor
operating points. It is also possible to switch the combustion
chamber oﬀ and drive the turbocharger turbine using
compressed air from the screw compressor. This type of
measurement is called “cold measurement” and it is used to
estimate the eﬀect of heat transfer on the turbocharger per-
formance.
Static pressure, total pressure, and total temperature are
measured at diﬀerent locations as shown in Figure 1. Two
calibrated venturimeters are used for estimating the turbine
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Figure 2: Measured compressor performance maps.
and the compressor mass flow rate. Static pressure mea-
surements are carried out using four static pressure taps of
0.5mm diameter at each measuring location. These taps are
uniformly distributed around the pipe circumference. Total
pressure probes and total temperature probes are used to
measure the total pressure and the total temperature, respec-
tively. Total temperature probes have NiCrNi-thermocouples
(K-type). Two thermocouples are also used for the mea-
surement of the compressor and turbine casing temperature.
Depending on the level of themeasured pressure, transducers
with measuring ranges of 0–0.350 bar and 0–2 bar are used
for pressure measurement. Turbocharger rotational speed is
measured with an eddy current sensor with a maximum lin-
earity of ±0.2% of the full scale reading (±800 rpm). Oil
volume flow rate is measured with a turbine flow-meter
with a linearity of ±0.15%–±1% of the measuring range. A
data-acquisition system is used to collect the measured data
and send them to a computer. Experimental error analysis is
performed and shows that the maximum error in measured
compressor eﬃciency is ±3.5% and in measured turbine
eﬃciency is ±5.5%. The maximum possible error takes place
at the minimum measured rotational speed (60000 rpm).
Experimental results of two turbochargers are presented
in the present research work. These turbochargers are the
GT1749V and VNT15 by Honeywell Garrett. Both turbo-
chargers have the same overall dimensions (D2 = 49mm and
D3 = 17mm) but diﬀerent compressor trim. The GT1749V
has a compressor trim of 55 while the trim of the VNT15
equals 45. Both turbochargers have turbines with variable
nozzle geometry. Results of the present research work are
all conducted under fully opened turbine nozzle conditions.
The GT1749V turbocharger is tested under diﬀerent exhaust
gas temperatures as well as in a “cold measurement”. “Cold
measurements” are also performed for the VNT15 turbo-
charger and compared to the turbocharger performance with
insulated turbine to investigate the eﬀect of turbine insu-
lation on small turbochargers performance. Figure 2 shows
the measured compressor performance maps for both tur-
bochargers.
3. Actual Compressor Power
The measured temperature diﬀerence across the compressor
cannot be used to estimate the actual compressor power
even if the turbine casing is insulated [3]. This is because
of the thermal energy transfer inside the turbocharger from
the hot turbine to the cold lubrication oil and compressor.
Methods to separate the aerodynamic compressor work from
the amount of thermal energy transferred to the compressor
are considered in previous publications (see, e.g., [2, 3]).
The present work aims at investigating the eﬀect of thermal
energy exchange between turbocharger components on the
actual compressor and turbine power and hence the engine
charging process.
Figure 3 shows control volumes for the turbine and the
compressor. The eﬀect of heat transfer on the compressor
power is modeled using the compressor polytropic (small-
stage) eﬃciency. The compressor polytropic eﬃciency at cer-
tain operating point is estimated from “cold measurement”
and can therefore be considered as a correct representation
of the compressor aerodynamic losses under non-adiabatic
operating conditions.
A computer program is established to model the com-
pressor non-adiabatic performance in order to find the actual
non-adiabatic compressor power. The program reads the
adiabatic (cold measurement) and non-adiabatic (hot mea-
surement) measured compressor maps. The compressor
polytropic (small-stage) eﬃciency is estimated at each com-
pressor operating point from the adiabatic measurement.
The non-adiabatic compression process is modeled as shown
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process.
schematically in Figure 4. At each operating point, the total
pressure and total temperature before and after the com-
pressor are known from non-adiabatic measurement (hot
measurement). The polytropic eﬃciency is also known from
“cold measurement”. The program assumes a value for the
amount of thermal energy transferred to the compressor. The
total pressure diﬀerence across the compressor is divided into
a large number of infinitesimal stages in order to enable the
use of the polytropic eﬃciency. The number of stages is
changed gradually until no eﬀect of the number of infinit-
esimal stages on the calculated values is observed. The com-
pression process in each infinitesimal stage is considered to
be adiabatic, and the amount of thermal energy transfer “δq”
is considered to take place between the infinitesimal stages.
The program calculates the whole compression process
from the total pressure and total temperature at the compres-
sor inlet to the total pressure at the compressor outlet p2t.
The calculated total temperature at the compressor outlet is
compared to the measured total temperature. If the diﬀer-
ence between the measured and calculated total temperature
is greater than a prescribed value (±0.01 K), a new value for
the amount of thermal energy transferred to the compressor
is assumed and the calculations are repeated. Calculations are
iterated until the measured total temperature at compressor
outlet is obtained.
The amount of thermal energy transfer to the compressor
that takes place between the infinitesimal stages is considered
to be proportional to the surface area and the temperature
diﬀerence between the compressed air and the casing tem-
perature:
δqi ∝ dAi
(
TC, cas − TC,i
)
. (2)
With
dAi = 2πridr,
QC =
N∑
i=1
δqi,
(3)
therefore,
δqi = dAi
(
TC, cas − TC, i
)
∑N
i=1 dAi
(
TC, cas − TC, i
) QC . (4)
Equation (2) assumes uniform value of the convective
heat transfer coeﬃcient throughout the compressor. To
simplify the model and due to the small surface area of the
investigated turbochargers, a uniform compressor casing
temperature is assumed. A numerical investigation of Bohn
et al. [12] confirms this assumption.
Figure 5 shows the estimated amount of thermal energy
transferred to the compressor as a fraction of the measured
enthalpy diﬀerence across the compressor. The amount of
thermal energy transfer to the compressor represents a
significant fraction of the total enthalpy increase across the
compressor at low rotational speed. This fraction decreases
with increasing the turbocharger rotational speed due to
the increase in the compressor aerodynamic work. An error
up to +35% in estimating the actual compressor work is ex-
pected at 60000 rpm if the measured temperature diﬀerence
across the compressor is used in estimating the compressor
work. This +35% error in compressor work increases with
decreasing the compressor rotational speed.
Figure 6 shows the estimated percentage increase in com-
pressor work due to heat transfer inside the turbocharger.
Results are presented for rotational speed up to 120000 rpm
because this is the maximum attainable rotational speed dur-
ing “cold measurements”. Figure 6 shows that the maximum
increase in compressor work due to heat transfer is only 2%
at 60000 rpm. This percentage is approximately the same
for both turbochargers despite the fact that the turbine of
the VNT15 turbocharger is insulated. Therefore, the results
of Figure 6 assist previous conclusions that most of the
heat transfer between the turbine and the compressor takes
place in the bearing housing and the lubricating oil removes
a considerable part of the heat before it transfers to the
compressor [2, 3].
Another factor that reduces the eﬀect of heat transfer
on the compressor actual power is the relationship between
the compressed air temperature and the casing temperature.
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Figure 5: Fractional thermal energy transfer to the compressor.
Figure 7 shows an example for the calculated air tempera-
ture during compression at certain operating point of the
GT1749V compressor. This point is selected on the surge
line because measurement of Pucher et al. [17] shows that
engine operating points take place very close to compressor
surge line. The measured casing temperature is also pre-
sented in Figure 7. Maximum temperature diﬀerence be-
tween the air and the compressor casing takes place at
compressor inlet. The air temperature increases due to com-
pression and thermal energy transferred to the compressor
and hence the temperature diﬀerence between the air
and the compressor casing decreases. At certain point, the
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Figure 6: Percentage increase in non-adiabatic compressor work.
compressed air temperature is higher than the casing tem-
perature and heat transfer takes place from the air to the
compressor casing.
Figure 8 shows the calculated percentage thermal energy
transfer at each stage of the compression process. These val-
ues are estimated from the thermodynamic model described
previously. The percentage thermal energy transfer to the
compressor increases at the beginning of the compression
process due to the increase in the area of heat transfer (Ai =
2πridr). The amount of heat transfer to the compressor de-
creases latter because the decrease in the temperature dif-
ference between the air and the casing (Figure 7) overcomes
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Figure 8: Fraction of thermal energy transfer during compression.
the increase in heat transfer area. The air temperature in-
creases further and becomes greater than the casing temper-
ature for this operating point. Consequently, heat transfer
takes place from the compressor to the ambient as shown in
Figure 8.
According to these results, two modes of thermal energy
transfer to the compressor can be identified as shown in
Figure 9. At low rotational speeds, thermal energy transfers
to the compressor and causes a significant increase in the
compressor outlet temperature T2t and 2% increase in the
real compressor power. Thermal energy also transfers to the
compressor at moderate and high rotational speeds. How-
ever, the rapid and high increase in air temperature causes
thermal energy transfer from the compressor to the sur-
rounding near the end of compression process. Therefore,
thermal energy transfers to the compressor at the beginning
then from the compressor to the ambient near the end of
the compression process. The net result is a small eﬀect of
the thermal energy transfer to the compressor on the meas-
ured compressor performance at moderate rotational speed
(120000 rpm in the present case). The thermal energy trans-
fer to the compressor decreases further at high compressor
rotational speed while the thermal energy transfer from the
Low rotational speed High rotational speed
Q˙C Q˙C
Figure 9: Modes of thermal energy transfer to the compressor.
0 20 40 60 80 100
 Compression (%)
Distribution 6 
Distribution 5 
Distribution 4 
Distribution 3 
Distribution 2 
Distribution 1 
−0.02
−0.01
0
0.01
0.02
0.03
0.04
0.05
0.06
0.07
Fr
ac
ti
on
al
 t
h
er
m
al
 e
n
er
gy
 t
ra
n
sf
er
δ q
/Q
C
[−
]
Figure 10: Hypothetical distribution of thermal energy transfer
inside compressor.
compressor to the surrounding substantially increases. They
almost cancel each other, and the net result is an apparent
adiabatic compression process with minimum eﬀect on both
the total temperature at compressor outlet and actual com-
pressor power. Although previous conclusions suggested that
the compressor can be assumed adiabatic at high rotational
speeds [2, 3], present model shows that the compressor is not
adiabatic under all circumstances. However, the eﬀect of heat
transfer to the compressor is minor at high rotational speeds
due to the thermal energy transfer mechanisms described in
Figure 9. It is also concluded that thermal energy transfer
to the compressor has a minor eﬀect on compressor power
and turbo lag as long as the lubricating oil removes most
of the thermal energy transfer from the turbine to the
bearing housing. Although the aforementioned compressor
heat distribution seems realistic, it has not been verified by
direct experimental results.
The previous heat transfer model (2) assumes uniform
convective heat transfer coeﬃcient throughout the com-
pressor. To validate this model and check whether the
assumed thermal energy distribution (2) significantly aﬀects
the estimated compressor performance or not, six diﬀerent
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Figure 11: Decrease in engine volumetric eﬃciency.
hypothetical distributions of thermal energy transfer inside
the compressor are assumed as shown in Figure 10.
The first distribution “distribution 1” has uniformly dis-
tributed thermal energy transfer to the compressor. Thermal
energy transfer to the compressor at the beginning of com-
pression is increased gradually from “distribution 2” to
“distribution 6” where thermal energy transfer from the
compressor takes place at the end of the process in “distri-
bution 6”. Table 1 shows the maximum estimated increase of
non-adiabatic work for the GT1749V compressor. Increasing
the amount of thermal energy transfer to the compressor in
early stages of compression (in the impeller) results in more
increase in the compressor actual power. The maximum
increase in compressor power stills however less than 3% in
all distributions. This small percentage is mainly due to the
oil which acts like a thermal barrier that significantly reduces
heat transfer to the compressor.
4. Engine Volumetric Efficiency
Another important eﬀect of thermal energy transfer to the
compressor on engine performance is its eﬀect on engine
volumetric eﬃciency. Figure 5 shows that the enthalpy diﬀer-
ence across the compressor increases by 35% close to the
compressor surge point at 60000 rpm. Since engine operating
points are located close to the compressor surge line, the in-
crease in compressed air temperature due to thermal energy
transfer to the compressor can aﬀect the engine volumetric
eﬃciency. Figure 11 shows the percentage decrease in engine
volumetric eﬃciency due to thermal energy transfer to the
compressor. This percentage decrease in engine volumetric
eﬃciency is estimated from
Percentage change in engine volumetric eﬃciency
= ρ2, non-adiabatic − ρ2, adiabatic
ρ2, adiabatic
.
(5)
Compressed air density is estimated from the ideal gas
equation of state:
ρ2, non-adiabatic = p2
RairT2
,
ρ2, adiabatic = p2
RairT2, adiabatic
,
(6)
where T2 is the measured air temperature at compressor exit,
and T2, adiabatic is the air temperature at compressor outlet if
compression is adiabatic:
T2, adiabatic = T2 − QC
cp, air
. (7)
Results for both turbochargers show 3-4% decrease in
engine volumetric eﬃciency at 60000 rpm. This percentage
decrease in volumetric eﬃciency increases further with de-
creasing compressor rotational speed. Since the turbocharger
rotational speed at engine start can be as low as 30000 rpm, it
is concluded that thermal energy transfer to the compressor
has tangible eﬀect on engine volumetric eﬃciency during
engine starting, no-load and part-load engine operation.
5. Actual Turbine Power
Heat transfers from the turbine to the surrounding, bearing
housing, lubricating oil, and compressor. The turbine dis-
sipates considerable part of its energy in the form of heat.
Therefore, the eﬀect of heat transfer on turbine and hence
engine performance is investigated. “Cold measurements”
are considered as the adiabatic turbine performance while
“hot measurements” represent the non-adiabatic perfor-
mance. Cold and hot measurements are compared at the
same rotational speed and guide vanes position in order
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Figure 12: Non-adiabatic versus adiabatic turbine eﬃciency of the GT1749V turbine.
Table 1: Maximum increase of the GT1749V non-adiabatic compressor work.
Equation (2) Distribution 1 Distribution 2 Distribution 3 Distribution 4 Distribution 5 Distribution 6
2.04% 1.45% 1.84% 2.14% 2.19% 2.35% 2.73%
to keep the eﬀect of outward centrifugal force and guide
vanes position on themeasured eﬃciency constant. Figure 12
shows the measured non-adiabatic and adiabatic turbine
eﬃciencies of the GT1749V turbine as a function of the
turbine blade speed parameter u/cs:
u
cs
= πD3n/60√
2cp, exh(T3t − T4)
. (8)
The turbine total to static eﬃciency presented in Figure
12 is the actual turbine eﬃciency:
ηmη3t4s = m˙C wC
m˙T cp, exh T3t
[
1− (p3t/p4)−(κexh−1)/κexh
] , (9)
where wC is the actual compressor work.
Thermal energy transfer from the turbine significantly
aﬀects the turbine eﬃciency and power produced at low
rotational speeds. At 60000 rpm, the non-adiabatic turbine
power is about 55% of the power produced by an adiabatic
turbine that operates at the same total-to-static enthalpy
diﬀerence, rotational speed, and guide vanes position. This
means that thermal energy transfer from the turbine signif-
icantly reduces turbine power and influences the turbo lag
at no-load and part-load engine operation as well as during
engine start up. The turbine power increases with increasing
the turbine rotational speed and therefore the eﬀect of heat
transfer from the turbine on turbine power is reduced. No
clear eﬀect of the thermal energy transfer from the turbine
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Figure 13: Non-adiabatic versus adiabatic turbine eﬃciency of the VNT15 turbine.
on the produced turbine power is identified at 120000 rpm
due to the high turbine aerodynamic work at high rotational
speeds.
The VNT15 turbocharger is also experimentally tested
to further investigate the eﬀect of thermal energy transfer
on the produced turbine power. This time, the turbine
casing is insulated to investigate the eﬀect of placing heat
shields around the turbine during real engine operation. It
should be noted that heat transfers from the turbine to the
lubricating oil and to the compressor even with insulating
material placed around the turbine. Previous measurements
(see Shaaban, 2004 [2]) show that thermal energy transfer to
the oil is about 30% of the total thermal energy transfer from
the turbine.
Figure 13 shows that the insulation placed around the
turbine has clearly improved the turbine non-adiabatic eﬃ-
ciency. At fixed turbine guide vanes position, both the tur-
bine adiabatic and non-adiabatic eﬃciency can be pre-
sented by the same function of the blade speed parameter.
Therefore, no clear eﬀect of the thermal energy transfer from
the turbine on turbine eﬃciency and power can be identified.
These results show that placing a heat shield around the
turbine reduces the amount of thermal energy transfer from
the turbine and increase the turbine power at part load.
Therefore, insulated turbines can deliver the same power at
smaller size which can reduce turbo lag.
The experimental results show that the temperature at
turbine exit increases with insulating the turbine. However,
the maximum increase in the total temperature at turbine
exit is less than 19◦C at 60000 rpm. Although the maximum
increase of the exhaust temperature at turbine exit is less than
2.4%, further investigations of potential eﬀects of turbine
insulation on the performance and lifetime of turbocharger
components are recommended for future work.
6. Conclusions
The present research investigates the eﬀect of non-adiabatic
turbocharger performance on engine volumetric eﬃciency
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and turbo lag. Two turbochargers are experimentally inves-
tigated by comparing adiabatic measurements (cold mea-
surements) with non-adiabatic measurements (hot measure-
ments).
Actual compressor performance under non-adiabatic
operating conditions is modeled with the help of the poly-
tropic compressor eﬃciency. The polytropic compressor eﬃ-
ciency is obtained from cold measurement where the com-
pressor is assumed to be adiabatic. A computer program is
established to estimate the actual compressor power and the
amount of thermal energy transfer to the compressed air
under non-adiabatic operating conditions.
The present research shows that thermal energy transfers
to the compressor under all circumstances. However, there
are two modes of thermal energy transfer to the compressor.
The first mode takes place at low rotational speeds where
the compressor receives thermal energy from the turbine and
the compressed air temperature is small, so thermal energy
transfer from the compressor to the ambient is negligible.
The second mode starts at moderate rotational speeds
(120000 rpm in the present case) where thermal energy
transfers to the compressor at the beginning of the compres-
sion process and then from the compressor to the ambient
near the end of the compression process. The net eﬀect is a
small net amount of thermal energy transfer to the com-
pressed air with tiny eﬀect on the compressor power. At high-
er rotational speeds (≥140000 rpm in the present case), the
net thermal energy transfer to/from the compressor could
be very small and therefore the compressor appears to be
adiabatic from the isentropic eﬃciency point of view despite
its complex heat transfer process.
Although the amount of thermal energy transfer to the
compressor can be higher than 35% of its overall enthalpy
diﬀerence, its eﬀect on compressor actual work is small.
The estimated increase in compressor power due to non-
adiabatic operation is less than 3% for all investigated cases at
60000 rpm. Therefore, non-adiabatic compressor operation
has small eﬀect on turbo lag during engine startup and part-
load engine operation.
Thermal energy transfer to the compressor also aﬀects
engine volumetric eﬃciency at no-load and part-load engine
operation as well as during engine start. Engine volumetric
eﬃciency is found to decrease by 4% at 60000 rpm. This per-
centage decrease in the volumetric eﬃciency increases by de-
creasing the turbocharger rotational speed.
Themost significant eﬀect of turbocharger non-adiabatic
performance on turbo lag is identified at the turbine. Experi-
mental data show 55% decrease of the turbine actual power
at 60000 rpm due to thermal energy transfer from the tur-
bine. The eﬀect of thermal energy transfer from the turbine
on turbine power decreases with increasing the turbine rota-
tional speed at constant exhaust gas temperature at the tur-
bine inlet. This decrease is due to the rapid increase in the
turbine power with increasing the rotational speed relative
to the amount of thermal energy transfer from the turbine.
Experimental data also show that insulating the turbine
significantly improves the non-adiabatic turbine perfor-
mance. An insulated turbine can be manufactured in smaller
size for the same engine and thus improves turbo lag. It is
therefore recommended to insulate the turbine and provide
compressor cooling in order to improve the turbocharger
non-adiabatic performance and hence the engine perfor-
mance.
Experimental data also show that insulting the turbine
results in 2.4% increase of the exhaust gas temperature at tur-
bine exit. Therefore, investigation of the eﬀect of turbine
insulation on the performance and lifetime of other tur-
bocharger components is recommended for future work.
Nomenclatures
A: Area
cp: Specific heat at constant pressure
D: Diameter
η: Eﬃciency
I : Moment of inertia
m˙: Mass flow rate
n: Rotational speed
p: Pressure
Q: Amount of thermal energy transfer
R: Gas constant
r: Radius
ρ: Density
s: Entropy
T : Total temperature
u/cs : Turbine blade speed parameter
w: Work
ω: angular velocity
W˙ : Power.
Subscript
1: Compressor inlet
2: Compressor outlet
3: Turbine inlet
4: Turbine outlet
Air: Air
C: Compressor
Cas: Casing
Exh: Exhaust gas
m: Mechanical
T : Turbine
Rotor: Rotor.
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